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Abstract

In most domestic and commercial refrigeration systems, frost forms on the air-side surface of the air-to-refrigerant heat
exchanger. Frost-tolerant designs typically employ a large fin spacing in order to delay the need for a defrost cycle.
Unfortunately, this approach does not allow for a very high air-side heat transfer coefficient, and the performance of these heat
exchangers is often air-side limited. Longitudinal vortex generation is a proven and effective technique for thinning the thermal
boundary layer and enhancing heat transfer, but its efficacy in a frosting environment is essentially unknown. In this study, an
array of delta-wing vortex generators is applied to a plain-fin-and-tube heat exchanger with a fin spacing of 8.5 mm. Heat
transfer and pressure drop performance are measured to determine the effectiveness of the vortex generator under frosting
conditions. For air-side Reynolds numbers between 500 and 1300, the air-side thermal resistance is reduced by 35-42% when
vortex generation is used. Correspondingly, the heat transfer coefficient is observed to range from 33 to 53 W m ™2 K~ ! for the
enhanced heat exchanger and from 18 to 26 W m ™~ 2 K~ ! for the baseline heat exchanger.
© 2005 Elsevier Ltd and IIR. All rights reserved.
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Amélioration du transfert de chaleur coté air a 1’aide d’un
évaporateur utilisant un systéme de génération de vortex
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1. Introduction

Plain-fin-and-tube heat exchangers having a large fin
spacing (i.e. 5-10 mm) are used in certain frosting
applications because of their reliability, cost-effectiveness,
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and relative tolerance to frost accumulation. Unfortunately,
this heat exchanger geometry is thermally inefficient, and
the air-side convective coefficients are relatively small in
comparison to more highly compact designs and interrupted
fin designs. The constraints imposed on the design of these
heat exchangers require new and innovative approaches to
further reduce the core volume, material cost, and flow
noise. Because the air-side thermal resistance is dominant in
these applications, even modest enhancements in the air-
side thermal-hydraulic performance could lead to smaller,
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Nomenclature

A area

b delta wing span

c delta chord span, or specific heat

C heat-rate capacity, ric,,

D diameter

f Fanning friction factor,
(AP orepain)! G*)Aminl Aro)

G mass velocity, pViax

h heat transfer coefficient, or enthalpy

j Colburn j-factor, Nu/(RePr'’?)

k thermal conductivity

L fin length (flow depth)

Le Lewis number for water in air («/D,,)

7 mass flow rate

mf water vapor mass fraction

N number of tubes, fins, etc.

Nu tube-side Nusselt number, hD/k

NTU number of transfer units (UA/Cpin)

P pumping power

Pr Prandtl number, (pvc,)/k

AP pressure drop

q rate of heat transfer

R thermal resistance, or ratio of heat-rate capacity
(min/max)

Repy, air-side Reynolds number, Vy,.Dp/v

t time

T temperature

UA thermal conductance

Vv velocity or volume

Greek symbols
o thermal diffusivity of moist air, angle of attack

0 frost thickness

e heat exchanger effectiveness, ¢/¢max

v kinematic viscosity

(C] modified volume-goodness factor,
qair/ (VcoreAhlm)

A delta wing aspect ratio

p density

© humidity ratio

Subscripts

1,2 pass

air for air

C ratio of heat capacity rates, min/max

core for the heat exchanger

down downstream of the heat exchanger

f frost

fin fin

h hydraulic (D, =4AinL/A¢or)

i inlet

m middle

Im log-mean difference

max maximum

min minimum

0 outer

P tube pass

r refrigerant flow

S at the frost surface

t tube wall

tube for a tube

tot total for air-side heat transfer

up upstream of the heat exchanger

w water

lighter, quieter, and more energy-efficient systems. The
purpose of this research is to provide an assessment and
understanding of the promise of vortex generators (VGs) as
an air-side enhancement technique for heat exchangers with
large fin spacing in frosting applications. Specific objectives
of this study include evaluating the performance of delta-
wing vortex generators under low air flow rates, their
efficacy downstream from the leading edge, and their
tolerance to frost accumulation. Frost properties are
evaluated by calculating a time-varying interfacial surface
temperature, and the frost thickness is found by numerically
integrating mass deposition rate data from the wind tunnel.

Streamwise vortex enhancement works by imparting a
secondary flow to the main flow; specifically a vortex is
formed and it interacts with the boundary layer on the
surface of the fin. The downwash region of the vortex thins
the thermal boundary layer; whereas, the upwash region
thickens it. These surface-normal inflow and outflow
regions occupy nearly the same surface area, but the
convective response is nonlinear and a net heat transfer

enhancement is manifest. This enhancement comes at the
cost of an increased pressure drop, due to the form drag on
the vortex generators, but this incremental increase in
pressure drop is relatively small for a plain-fin-and-tube heat
exchanger where a major source of drag is the tubes.
Several individuals have demonstrated the clear promise
vortex generation has as a heat transfer enhancement
method. For instance, in a review of the technical literature,
Fiebig [1] concluded that local heat transfer enhancements
of 100% and overall enhancements of 50% were possible.
He also reported that vortex generators inserted into channel
flow might produce turbulent flow instabilities for Reynolds
numbers as low as 350. In a recent study using delta
winglets, Kwak et al. [2] observed heat transfer improve-
ments of 10-25% with a corresponding increase in pressure
losses of 20-35% in a multi-channel test core using a three-
row, circular tube bundle in an in-line arrangement. Full-
scale implementation and testing of vortex generators in
heat exchangers, however, is only sparsely reported in the
literature. In one test performed by Russell et al. [3] using
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rectangular winglets, the j factor was enhanced by 47%
while the ffriction factor increased by 30% for a Reynolds
number of 500 based on hydraulic diameter. A second, more
recent full-scale test of delta-wing vortex generators on a
plain-fin-and-tube heat exchanger was conducted by
ElSherbini and Jacobi [4], and they showed considerable
heat transfer augmentation with little to no pressure drop
penalty. For the present study, the dimensions and angle of
attack of the VG array were selected on the basis of an
extensive parametric study performed by Gentry and Jacobi
[5] for a single delta wing in developing channel flows.

Aside from early work by Storey and Jacobi [6] for a
channel flow, we are aware of no research reported in the
open literature on the use of vortex generators with
simultaneous heat and mass transfer, where the accumulat-
ing frost can change the geometry of the vortex generator
and affect the flow of the air stream as shown in Fig. 1. On
the other hand, there is an extensive body of technical
literature on frost in general, and a significant body of work
on frost growth on heat exchangers. The literature on frost is
so extensive that we will focus our discussion on only the
articles highly germane to the current study.

Ostin and Andersson [7] concluded that the substrate
temperature and the relative humidity of the air stream both
have important effects on the frost thickness, but the
contribution of the air velocity to frost thickness is
negligible. They also observed monotonic and cyclic growth
patterns and found that for times greater than 60 min, the
contribution of the mass flux of condensed vapor that went
towards increasing the frost thickness varied between 0.41
and 0.65 with an average value of 0.49. This finding
suggests that mass transfer to the frost layer contributes
nearly equally to the increase of frost density and frost
thickness, as previously suggested by White and Cremers
[8].

With respect to experimental methods in the study of
frosted heat exchangers, Rite and Crawford [9] explored
ways of directly and indirectly measuring the frosting rate,
and their work suggests that a frost deposition rate measured
indirectly from experimentally collected upstream and
downstream relative humidities can provide reliable data.

In a separate paper, Rite and Crawford [10] found that while
holding the air flow rate constant, the overall thermal
conductance increased as frost was deposited on the coil, a
phenomenon they attributed to an increased heat transfer
coefficient and added surface roughness from the frost. They
also determined that the deposition of frost in the gaps
between the evaporator tube and mechanically joined fins
only negligibly decreases the contact resistance during
normal operation.

More recently, Cheng and Cheng [11] proposed a
theoretical model for predicting the frost growth rate on a
flat plate based on the mass and energy conservation laws
and the Hayashi [12] correlation for finding frost density.
Their model is useful for calculating the growth rate of the
frost layer during the mature growth period as well as
predicting the onset of frost melting. Le Gall and Grillot
[13], in deriving a one-dimensional transient model for the
prediction of frost growth and densification on a cold
surface, observed that the transport of water vapor into the
frost layer was often significantly higher than that due to
simple Fickian diffusion. To better represent this phenom-
enon, they developed a new expression for the so-called
diffusion resistance factor and suggested that these greater
mass diffusivities might be due to phase change kinetics,
thermophoresis, or other secondary effects. Several other
studies of frost growth related to the current work should
also be noted (Mago and Sherif [14]; Ogawa, Tanaka, and
Takeshita [15]; Schneider [16]; Tao, Besant, and Rezkallah
[17]; and Inaba and Imai [18]).

2. Experimental method

2.1. Air-side loop

The experiments were conducted in a closed-loop wind
tunnel comprised of five major sections: a thermal-
conditioning chamber, flow-conditioning chamber, contrac-
tion, test section, and return loop as shown in Fig. 2 and
detailed by Davis and co-workers [19]. The temperature and
humidity of the air were established inside the thermal-

Fig. 1. Frost deposition on delta wing-type vortex generators.
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conditioning chamber prior to each experiment using an
upstream cooling coil and a controlled steam injection
system. The relative humidity in the wind tunnel was preset
to 80% before each experimental run, and the air inlet
temperature was preconditioned to be between 10 and 11 °C.
Accompanying air outlet temperatures ranged from —4 to
2 °C. The core pressure drop across the heat exchanger was
measured using 4 pressure taps (2 upstream and 2 down-
stream). An electronic manometer with measurement
uncertainty of +0.25 Pa was used to measure the pressure
drop under dry conditions, and a 250 Pa pressure transducer
with an uncertainty of 0.073% full-scale was used to
measure the pressure drop of the heat exchanger under frost
conditions. Because the minimum detectable pressure
difference for these instruments was 0.25 and 0.18 Pa,
respectively, very small core pressure drop measurements
could be recorded. Air inlet and outlet temperatures were
measured using thermopiles placed upstream and down-
stream of the exchanger. These thermopiles were inserted
from both the top and bottom surface of the test section and
consisted of five 0.25-mm-diameter, type-T thermocouples
calibrated against NIST-traceable ASTM thermometers.
Because each thermopile represented a spatial average of five
individual thermocouples and multiple thermopiles were
used upstream and downstream, highly accurate temperature
measurements were possible. The resulting uncertainty in the
average air temperature from the performed calibration was
within 0.1 °C with 95% confidence. The velocity of the
approach air was measured using hot-bulb anemometry with
a maximum uncertainty of approximately +0.06 ms™'.
The velocity profiles were shown to be flat within +4.3% for

’/0\—1

)

the lowest test velocity (0.46 m s~ and +5.7% for the
highest test velocity (2.0 ms™ l).

2.2. Coolant loop

The refrigerant was a 40% mixture by weight of ethylene
glycol (DOWTHERM 4000) and water. The inlet and outlet
fluid temperatures were measured using platinum RTDs with
an uncertainty of +0.017 °C. The coolant inlet temperature
was maintained at —12 to —13 °C for each experiment.
Mixing cups and 90° elbows were incorporated into the piping
network upstream of the RTDs to ensure a well mixed, bulk
fluid temperature. A Coriolis-effect flow meter was installed
downstream from the heat exchanger to measure the coolant
mass flow rate with an uncertainty of +0.4%.

The heat exchanger specimen used for conducting this
comparison was of a plain-fin-and-tube construction with a
fin spacing of 8.47 mm, where the fins were brazed to the
tube in order to eliminate thermal contact resistance. The
dimensions of the heat exchanger were 451X203X
51 mm®, and the hydraulic diameter before frosting was
10.2 mm. Heat transfer data from the exchanger were
acquired every 5 min following an initial frost growth
period of 30 min. For enhanced testing, vortex generators
were attached to the fin surface of the heat exchanger
according to the pattern shown in Fig. 3.

2.3. Vortex generator geometry

The delta-wing vortex generators used in the enhanced
testing were cut from standard 0.25 mm aluminum shim

( E 3 %A.RFLOWZE )

/—10

12
13
11\‘ Jf re
T T
15
/—14 . /
® -

1. Orifice plate

2. Honeycomb

3. Pre-heaters

4. Steam injection

5. Cooling coils
6. After-heaters
7. Blower

8. Honeycomb

»CHILLER LOOP

9. Screens

10. Pressure transducer
11. Thermopiles

12. Test section

13. Pressure taps
14. Control valve
15. Coriolis flow meter

Fig. 2. Wind tunnel schematic with descriptors.
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stock, using wire electrical discharge machining (EDM).
They were made with an aspect ratio, /1, of 2.0 and placed
on the heat exchanger with an angle of attack, «, of
approximately 55°. They were attached to the fin surface at
intervals of 51 mm using double-sided tape. The addition of
the vortex generators to the heat exchanger only accounted
for 3.1% of the total possible surface area. All relevant wing
dimensions are provided below in Fig. 4.

3. Data interpretation

Energy balances were monitored to ensure fidelity of all
measured data. For 80% of the data points reported, the
maximum energy transfer difference was 8.3% while the
remaining 20% of the data had energy balances between 8.4
and 10%. The energy balance discrepancies are largely
attributable to the uncertainties in measuring the heat
transfer rate from the air, which typically range from 3 to
5% compared to only 1-3% for the coolant side. An e-NTU
method was then utilized to interpret the performance of the
heat exchanger. For the geometry studied, the exchanger
could be divided into two partitions along an adiabat with
each partition containing eight passes in cross-flow. The
upper partition (stream 1) had an overall counter flow
arrangement while the lower partition (stream 2) had an
overall parallel flow arrangement. Total energy balances
were written for each partition and each stream, and two
e-NTU equations were used to complete the system of
equations, following an approach similar to that used by
Davis [19]. In the &-NTU equations, the maximum
realizable enthalpy difference was written for the air stream
in each partition. For the counter flow partition, the enthalpy
of the exiting air stream represents the minimum achievable
air enthalpy, corresponding to the known coolant inlet
temperature, Ty; and a relative humidity value of unity. For
the parallel flow partition, the enthalpy of the exiting air
stream represents the minimum achievable air enthalpy,
corresponding to the calculated midstream coolant tem-
perature, Ty, and a relative humidity value of unity.
Appropriate relations for the counter-flow partition effec-
tiveness ¢; and the parallel flow partition effectiveness e,
have been given by Shah and Mueller [20], and these values
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could be related to the pass effectiveness &, for simple cross
flow with the heat rate capacity Cp,j, mixed and Cp,.x
unmixed to calculate the number of transfer units per pass,
NTUp. Thus, the thermal conductance per pass, UAp, could
be determined, and the total thermal conductance, UA,
could be found by summing over all passes. These
relationships are repeated here for completeness

l_prC n—l
1 —¢,

S Ry (1
1— &p ¢
1 —(1 —e,(1 +Rp)"
2= 1 J:RC ‘ 2)
{1 —exp[—Rc(1 — exp(—NTUp))1}
&= Re 3)
UAp
NTUp = 4
F Cmin,P ( )
N
UAy = UAp Y 1, 5)
i=1

where 7 is the number of passes in each partition and N is the
total number of passes.

The total thermal resistance, Ry, which equals 1/UA,,
can in turn be represented as a series of individual
resistances equivalent to the sum of the refrigerant
convection resistance (R,_.ony), tube wall conduction
resistance (Ry.cong), frost conduction resistance (Rpos), and
air-side convection resistance, (R,,), where the frost
resistance and air-side resistance are each independently
comprised of parallel resistances contributed by the tube and
fin. The tube-side convection resistance was found using the
Gnielinski correlation and the Colebrook correlation
because of their suitability for the range of tube-side
Reynolds numbers in these experiments. The frost conduc-
tion resistance was approximated using the Hayashi [12]
correlation for frost density,

pr = 650 exp(0.277T5) 6)

a0 o a0

— |<—8,64

).,
SRR R
k] 3

Fig. 3. Heat exchanger geometry and vortex generator configuration.
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T

Wing span, b (mm) 10.5
Wing chord, ¢ (mm) 10.5
Chord to hydraulic dia. 1.027
Aspect ratio, A=2b/c 2.0
Angle of attack, o 55°

Fig. 4. A vortex generator of chord length, ¢, base length, b, and angle of attack, a.

Lee et al. [21] correlation for frost thermal conductivity,
ke = 0.132 + 3.13(10 %)p¢ + 1.6(1077)p? )

and the following equations:

i _ kafin + 2”Tl‘tubel\ftul:;eskf (8)

Rf 6{ ln((D() + 25f)/D0)

mf = mair,upmfw,up - mair,downmfw,down (9)

6 = J’ UL (10)
C oA

where mfy, ,, and mfy, gown represent the mass fractions of
the water measured in the air upstream and downstream
respectively, T represents an indirectly obtained interfacial
surface temperature of the frost, and d; represents the frost
thickness. From this information, the reciprocal of the
refrigerant Nusselt number was plotted along the abscissa,
and the total thermal resistance Ry at fixed air-side
conditions was plotted along the ordinate to form a so-
called Wilson plot. A line was then fit to the data by the
method of least-squares, and the overall air-side resistance
of the heat exchanger was inferred from a Wilson plot by
extrapolating to the ordinate intercept. Here the tube-side
refrigerant Nusselt number is infinite (i.e. 1/Nug =0) so the
tube-side convection resistance is zero by definition. As a
result, the intercept equals the air-side convective resistance
plus the conduction resistance contributed by the frost and
the tube wall—both known quantities. Because the tube wall
conduction resistance is negligible, the frost resistance can
be added to the convective resistance to form an overall air-
side thermal resistance, which serves as a convenient basis
of comparison for these tests.

Frost properties were evaluated using an average frost
surface temperature, T, inferred using the heat-and-mass
transfer analogy by relating the frost mass deposition rate (a
known quantity) to the log-mean humidity ratio difference
between the air and the frost surface. In this way, the
humidity ratio, ws, (and hence temperature 7) at the frost
surface could be calculated using the following relationship

h
rity = —— A Le > Ay, (11)

Cp,air

_ ((Uup - ws) - ((‘)down - (1)5)
11'1[(0~)up - a)s)/(wdown - ws)]

12)

and Le is the Lewis number and A, is the total heat transfer
surface area. In this way, T represents an indirectly
measured quantity and should not be confused for a direct
measurement.

Various performance evaluation criteria (PEC) were also
calculated and used to assess the merits of vortex generation
as a heat transfer enhancement technique. The Colburn j
factor was used to represent dimensionless heat transfer and
is defined as

. h 2/3
= Pry, ™ 13
J ch’air Tair (13)

where £ is the heat transfer coefficient and G is the mass
velocity. Similarly, the friction factor, f, defined as

— 2APcorepair <Amin>

G? Aot

_(] + 0_2)( pair,up _ 1) (@) (pair,avg) (14)
Pair,down Atol pair,up

where ¢ is the ratio of the minimum free flow area to the
frontal area was used to nondimensionalize the pressure
drop penalty. The London area-goodness factor, which is
defined as the ratio of the Colburn j factor over the friction
factor, f, is an often used metric in gauging the relative
differences between heat exchangers; however, the use of j/f
is restrictive because it does not explicitly account for
blower power. Therefore, the final performance evaluation
criterion used in this study was the modified volume-
goodness factor, @. Formally, this PEC is defined as

f

q

O=——""7— 15
(VcoreAhlm) ( )

where V.. is the exchanger core volume, ¢ is the heat
transfer rate of the air stream, and Ahy,, is the log-mean
enthalpy difference. It is common to plot ® against the
blower power required to overcome the core pressure drop,
AP, core*
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4. Results and discussion

The thermal hydraulic performance of the evaporator
was measured before and after the addition of the delta-wing
vortex generators. In order to assess the pressure drop
penalty associated with the enhanced geometry, the delta
wing array was tested over several airflow rates under dry
conditions. The results in Fig. 5 reveal a pressure penalty
associated with the delta wings under dry conditions that
varies between 17% for Rep,=430 and 67% for Rep,=
2270 with an uncertainty in the measurements of 30.4 and
1.9%, respectively. The additional core pressure drop (i.e.
0.1-6.42 Pa) generated by the vortex generators over this
range of Reynolds numbers, however, is small compared to
overall system losses, and it should be noted that the
incremental fan power needed to overcome this deficit
would always be less than 0.31 W when using this enhanced
geometry under dry conditions. These trends are also
reflected in the air-side friction factor under dry conditions
shown in Fig. 6. For frost conditions, the pressure drop
penalty due to the VGs was obfuscated by the pressure drop
penalty due to the growing frost layer. Under these
conditions, the enhanced geometry and the baseline
geometry were shown to have nearly identical core pressure
drop penalties as seen in Fig. 7. This result suggests that
vortex generators used in refrigeration applications may not
suffer as severely from the usual drag penalties that are
incurred under dry conditions.

For 500 <Rep;, <1300, a consistent reduction of 35.0—
42.1% in the overall air-side thermal resistance was
observed for the enhanced evaporator as shown in Fig. 8.
The uncertainty in overall air-side thermal resistance was
conservatively calculated to range from 14 to 29% for these
experiments and was due largely to uncertainties in the

16IlIIIII!IlIWIIIIIIII-I

14

—— Enhanced
- - % - - Baseline

12

10

Core Pressure Drop (Pa)
(2]

0 500 1000 1500 2000 2500
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Dh

Fig. 5. Pressure drop penalty associated with using the vortex
generator array under dry conditions.
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ReDh

o

Fig. 6. Friction factor associated with using the vortex generator
array under dry conditions.

linear regression analysis used in the Wilson plot method.
(As discussed in the methodology, the overall air-side
resistance is the sum of the conduction resistance due to the
frost and the convective resistance due to the air stream and
therefore reflects the total effect that vortex generation has
on both the growth of the frost layer and the thermal
boundary layer at the surface.) These resistance values are
significantly higher than those reported by El Sherbini and
Jacobi [4] for a brazed evaporator of similar construction.
The air-side resistances of his baseline data varied from
0.013 to 0.018 kW' over a similar range of Reynolds
numbers. These discrepancies can be explained by recog-
nizing that his fin pitch was nearly half of the current one

{7 R —
4 Enhanced i i
A Baseline

120 o

100 [- R lliand ]

80

APcore(Pa)

60

40

20

400 600 800 1000 1200 1400

Re
Dh

Fig. 7. Pressure drop penalty associated with using the vortex
generator array under frost conditions. Each pair of curves
represents a different initial face velocity testing condition.
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Overall Air-Side Resistance (K/W)
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h

Fig. 8. The overall air-side thermal resistance is 35-42% lower for
the enhanced evaporator under frost conditions.

being studied, and his tests were all conducted under dry
conditions (i.e. no frost).

The reduction in air-side resistance can be largely
ascribed to increased convection and flow mixing in the
finned channels and is reflected in the behavior of the
convective heat transfer coefficient, which was observed to
increase by 60-93% over the range of tested air velocities as
shown in Fig. 9. Because nonconducting tape was used to
attach the delta wings, and the wing-to-fin area ratio was
1.9%, these enhancements can be entirely attributed to the
streamwise vortices. The value of the heat transfer
coefficient varied from 33 to 53 Wm 2K~ ' for the
enhanced configuration and from 18 to 26 Wm 2K~

80 ) N N N N N O v v I TTTT]
| —e—— 060ms o) 064ms I ]
| —»—— 070m/s v 0.72 m/s . ]
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H —a—— 10m/is ] 1.0 mis ' -
N —&—— 1.1m/s A 1.1mis ' 1
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Fig. 9. The heat transfer coefficient is plotted as a function of face
velocity and time for frost conditions.

for the baseline configuration; typical uncertainties in heat
transfer coefficient ranged from about 7-35%.

The observed increase in the air-side heat transfer
coefficient with respect to time is best attributed to the
growing frost layer and a few effects associated with it. First,
the frost provides an added roughness to the surface area of
the evaporator, which may serve to ‘trip’ the boundary layer
from laminar to turbulent flow more quickly than a smooth
surface. The consequence of turbulent flow is higher Nusselt
numbers and delayed boundary layer separation from the
cylindrical surface of the tube. As the frost develops in time
and becomes increasingly more dendritic, the location
where the boundary layer transitions to turbulent flow
gradually begins to shift toward the front of the coil and
more of the evaporator experiences a turbulent flow regime.
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r A j Enhanced ]
C ® f Enhanced ]
0.35 : A | Baseline |
3 o f Baseline
0.30
)
0.25 [ :
5 0.20Ff g
- L L
0.15 l
T [
0.10 | ° oo d
s ° o &
0.05 [ s
0.00 ;Ll. ‘A.A A ‘A‘Al A ‘A.AA‘ AA‘ .ﬁ. xa .“ ]
1100 1150 1200 1250 1300 1350
Re
Dh
0.40 ]
[ A j'Enhanced:
0.35 | ® f Enhanced ]
r 4 | Baseline 1
r o f Baseline 1
0.30 | :
0.25 F
r L
T 020} I
S : I
0.15 . ot ;
L o o L
0.10 [ J
L [e]
L o
0.05 |
000 B Ml A al A o4, 4 A
950 1000 1050 1100 1150 1200
ReDh

Fig. 10. The j and ffactors are both larger for the enhanced geometry
under frost conditions.
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As this happens, the spatially averaged convective coeffi-
cient begins to increase. The second mechanism responsible
for this overall increase in the heat transfer coefficient is the
narrowing of the air passages due to frost build-up while
constant total air mass flow rate is maintained through the
coil. The result is an increase in the local air velocity and a
reflected increase in the convective coefficient. Third,
because the growing frost layer is composed of dendritic
spires, the frost may behave as an additional extended
surface for heat transfer. In this way, the frost increases the
heat transfer surface area of the coil and can produce a small
increase in the convective coefficient.

The j factor and friction factor associated with the
enhanced geometry under frost conditions are plotted in
Fig. 10. First, it should be noted that the j factor associated
with the enhanced geometry is everywhere superior to the
baseline geometry. Second, it should be noted that the f
value for both the enhanced and baseline geometry appears
to be approximately the same for small times. Even after
30 min of frost accumulation (which constitutes the first
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measured f value), the difference between the enhanced and
baseline geometry is still relatively small. The friction factor
for the enhanced geometry, however, grows at a faster rate
than the friction factor for the baseline geometry with the
accumulation of frost on the heat exchanger. This difference
in the friction factor between the enhanced and baseline
geometries is predominantly due to the way the total and
minimum free flow areas are calculated. Because the
growing frost layer decreases the free flow area of the heat
exchanger, the evolving frost thickness plays an important
role in determining the airside friction factor. Furthermore,
because the frost thickness was found indirectly in these
experiments by integrating the frost deposition rate with
respect to time to get total mass and then dividing this
quantity by the instantaneous frost density found using
Hayashi’s correlation and the total surface area, there are
moderately large uncertainties associated with the friction
factor for large times. For this reason, the friction factor data
presented in these plots at large times should be used with
caution, and the core pressure drop measurements made
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Fig. 11. A closer examination of the j factor shows a large and consistent enhancement over the entire range of Reynolds numbers examined.
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under frost conditions (Fig. 7) should be considered as a
more accurate assessment of the drag penalty associated
with using this VG array under these operating conditions.

In Fig. 11, the j factor was examined more closely for
Repp,=500-1300. Each of these plots constitutes a distinct
and unique set of experiments with a different initial face
velocity. Therefore, the small differences in the regions of
overlap between the plots are attributable to the time-
varying history of the frost layer for individual experiments.
It is readily apparent, however, that for this range of
Reynolds numbers, the j factor associated with the enhanced
geometry was on average 110-120% larger than the j factor
for the baseline geometry under equivalent operating
conditions. Moreover, there did not appear to be a decrease
in the j factor difference between the enhanced and baseline
cases with decreasing Reynolds numbers. Overall, these
results support the convective heat transfer coefficient
results presented earlier.

Superimposed on one another in Fig. 12, the baseline

@ 40 : ; deeeees R R —

data and the enhanced data for the modified volume-
goodness factor also exhibited several identifiable trends.
First, the thermal hydraulic performance increased with
increasing Reynolds number—an observation consistent
with expectation. This simple fact confirms that heat transfer
is augmented at higher air flow rates. Second, it is important
to note that the performance decreased in time as frost
accumulated on the evaporator. This degradation is also
consistent with what was observed using the London area-
goodness factor and emphasizes the frost layer as an
additional thermal resistance. Third, the deterioration in
thermal performance with time was more pronounced at
lower Reynolds numbers. This fact suggests that the
properties of the growing frost layer are different at lower
Reynolds numbers than at higher Reynolds numbers, which
corroborates observation that the frost is more dendritic at
lower air flow rates. Dendritic frost, of course, poses a
greater conduction resistance than dense frost and might
degrade the thermal performance more rapidly, which
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Fig. 12. The modified volume-goodness factor reveals an enhancement of 17-33%.
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would explain this trend. It was also readily apparent that
using this comparison the VG array was beneficial over the
entire range of Reynolds numbers examined. The net
enhancement in the volume-goodness factor was 17-33%
over the range of face velocities tested. It was also apparent
that at low face velocities the magnitude of the difference
between the baseline and enhanced data decreases,
suggesting no enhancement in the zero-velocity limit. It
should be noted that the maximum uncertainty in the
modified volume-goodness factor was approximately 2.8%.

The effect of vortex generation on frost properties was
also qualitatively examined. As shown in Fig. 13, the
average density of the frost layer accumulating on the
enhanced evaporator was approximately 30-50 kg m ™3
greater than the average density on the baseline evaporator.
This phenomenon, already observed in channel flow by
Storey and Jacobi [6], is probably due to the flow behavior in
the downwash region behind the delta wing where the
vortex suppresses the axial growth of frost spires and
promotes dendritic branching. Because the frost is denser on
the enhanced evaporator, the conduction resistance through
the frost layer is reduced. This observation was also
reflected in the numerically calculated frost thicknesses.
The numerically integrated frost thickness on the baseline
evaporator was on average 0.4-0.8 mm thicker than the frost
layer on the enhanced evaporator. Unlike the instantaneous
frost density found using Hayashi’s correlation for the
purpose of determining the frost thickness, this average frost
density was found by dividing the total mass of accumulated
frost on the heat exchanger by the surface area and frost
thickness. By defining the average frost density in this
manner, the dependence of the frost density on the frost
surface temperature was reduced. It should be noted that
changes in frost density and thermal conductivity might
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Fig. 13. The average frost density was calculated using measured
frost mass deposition data.

affect defrosting time; however, because no defrost
experiments were conducted, we cannot quantify this
potential impact. It is relevant to observe that for equal
masses of frost on the heat transfer surfaces, it can be
expected that defrosting times will be smaller for a more
dense frost layer, which will have a higher thermal
conductivity than frost in the baseline case.

5. Conclusions

Predicting the effect that frost has on heat exchanger
performance is a difficult and complicated task because of
the frost layer sensitivity to substrate wettability, tempera-
ture, relative humidity, flow conditions, and growth history.
In this study, a full-scale heat exchanger was studied before
and after the addition of several delta-wing vortex
generators. The specimen heat exchanger was a brazed
fin-and-tube evaporator with a fin spacing of 8.5 mm and is
currently in production (in an unbrazed version) for use in
domestic refrigeration. The examined vortex generator array
was a 4-row, staggered configuration where the delta wings
were attached in an alternating single row, double row
arrangement at a core depth interval of 50.8 mm. For
Reynolds numbers between 500 and 1300, which corre-
sponds to face velocities between 0.52 and 1.2 ms ™, the
air-side thermal resistance was shown to decrease by 35—
42% with the addition of the delta wings, while the
convection heat transfer coefficient increased by 60-93%.
Typical values for the heat transfer coefficient for the
enhanced case were 33—53 W m ™~ 2 K™, and typical values
for the baseline case were 18-26 W m ™ > K~ '. A modified
volume-goodness factor was also calculated and suggested
that the delta-wing-enhanced heat exchanger was superior to
the baseline heat exchanger over the entire range of
Reynolds numbers tested. An average frost density was
calculated from mass deposition rate data and revealed that
the frost densities were larger for the enhanced case than for
the baseline case, suggesting that vortex-induced flow
suppresses dendritic frost growth. This conclusion is further
supported by the frost thickness data and is an important
finding because it suggests that frost grown under enhanced
conditions may possess a higher thermal conductivity and
therefore may pose a smaller conduction resistance. Based
on these results, vortex generation appears to be a viable
technique for heat transfer augmentation in these systems.
Vortex generation exhibits reasonable tolerance to frost,
incurs only a small penalty in pressure drop, and
significantly reduces the air-side thermal resistance.
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